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Abstract: Compression and expansion of the gases and vapors are frequent thermodynamic processes in a wide 
range of applications. Like any thermodynamic process, they are accompanied inherently by a series of internal and 
external irreversible processes. Between these two types of irreversibility occur essential differences on the way of 
exposition. An essential difference between them is evidenced in reference [1] by stating the following optimal control 
principle: the optimal solutions for processes in finite time, taking place in a real thermodynamic systems are bounded 
by the optimal solutions of the endoreversible versions of this system. As in the other thermodynamic systems, the first 
step to optimize the behavior of the compressors and the plants which contain compressors, are made of a theoretical 
model, which do not have internal irreversibility. The actual compressors in the state of the art are quite different than 
this theoretical model. In this paper, we describe the physical model of a reciprocating compressor, perfectly achievable 
with current technical means, the characteristics of which approach those of ideal compressor.  
Keywords: endoreversible compressor, optimization of the piston speed, entropy generation minimization, 
isothermal compression. 

1. THE RECIPROCATING COMPRESSOR 
IN THE USUAL VARIANT 

The compression cycle of a reciprocating 
compressor with simple effect (Fig.1) extends over 
a period τ, in wich happens successively, four 
different processes, delimited by the moments that 
close or open the two valves (SA for suction and 
SR for exhaust): admission of the fresh gas and his 
mixing with the remaining gas from the previous 
cycle, compression of the resulting mixture, 
exhaust of the compressed gas and expansion of 
the remaining gas in the dead volume Vm. The 
external environment wich interact with the gas in 
the compressor is characterized by certain structure  

and a certain  parameters of state. The working gas 
involved in the process is also characterized by 
initial parameters of state. For a given compressor, 
its construction's characteristics, including its 
operation mode, the one wich decide the form of 
the speed function w(t), is also part of the initial 
terms of the issue. During the compression cycle, 
parameters of working gas and characteristics of 
thermodynamic processes in the cylinder can be 
controlled by changing the control volume (due to 
the interdependence imposed by the equation of 
state of the gas) caused by changes in the position 
of the piston, or by changes in the structure and 
parameters of the external environment.  
 

 
 

Fig. 1. Reciprocating compressor driven by a crankshaft-connecting rod system: 
D – cylinder bore; S – stroke; PMI, PMS – bottom, respectively top-center crank position; SR, SA – exhaust,  

respectively inlet valve; VM – clearance volume. 
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Fig. 2. The time evolution of the piston stroke (x), velocity (w) and acceleration (ac): 
A – driven by connecting rod-crankshaft with λ = 4; B – driven at constant speed . 

 
Generally, the intensity of heat exchange 

between the gas and the environment is dependent 
on a number of factors: the temperature of the 
environment and of the cooling agents, the overall 
thermal conductance of the paths covered by 
thermal flows, the instantaneous speed of the 
piston, the gas initial temperature, the compressor 
constructive caracteristics. A significant influence 
on the value of state parameters at the end of the 
cycle and on the processes behavior also exerts the 
design parameters of the valves and the the 
processing level of the inner surfaces of the 
cylinder and of the piston. 

In the majority of actual compressors [2-5], the 
movement of the piston is controlled by drive 
systems composed of a connecting rod with a 
length l, coupled with a crankshaft (crank radius 
a), which is rotating at a constant angular velocity 
ω (in many cases a flywheel provides uniformity 
of the rotational speed). This type of drive requires 
both for the lenght x(t) swept by the piston from 
the time t0 = 0 (the TDC) to the time t, as for the 
velocity w(t), a sinusoidal variation law: 
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where λ=l/a and S=2a.  
The control volume V(t)=Vm+Vd(t), has the 

same evolution in time also, bounded by the inner 
surface of the cylinder, the active surface of the 
piston and the cylinder head: 
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where Vd is the swept volume (the displacement), 
Vm is the clearance volum (and C= Vm/Vd is the 
clearance coefficient), τ is the time for a rotation 
(the cycle period), f = 1/τ = ω/2π is the frequency 
(number of cycles per second), and D is the inner 
diameter of the cylinder.  

Figure 2A shows the evolution in time of the 
lenght x(t) (the same form as to the volume 
function V(t)), of the velocity w=dx/dt and of the 
acceleration ac=d2x/dt2, for λ=4. Figure 2B shows 
the same curves for w=ct, the hypothetical case in 
which the piston does not change the speed 
between the two ends of the cylinder.  

The gas pressure and the volume change rate 
(determined by the instantaneous speed of the 
piston) defines the intensity of the mechanical 
interaction between the piston and the external 
environment, in any position. The gas temperature 
and the polytropic exponent n of the process 
determine the strength of the thermal interaction. 
Figure 3A shows the indicator diagram of a single 
acting reciprocating compressor. This diagram 
reflects the correlation between the gas volume 
and the gas pressure in the compressor cylinder, 
during the compression steps. It is starting from a 
pressure pa in the suction pipe, up to the pressure 
pe=πc·pa in the discharge pipe, for the given initial 
conditions and for certain external conditions, 
where πc is the ratio between the initial and the 
final pressure. In reciprocating compressors, most 
often this ratio is variable due to the automatic 
valves. For a compressor coupled with a reservoir, 
whose initial pressure is equal to the atmospheric 
pressure, this ratio is changing, in the time of 
filling the tank, from πc=1, up to a nominal value, 
the most appropriate for those application. For the 
rotary compressors, most often this ratio is fixed, 
but some of them can be fitted with devices to 
modify this rate. Reciprocating compressors can be 
also provided with valves actuated by electrical or 
mechanical control devices which are independent 
of the pressure evolution in the compressor 
cylinder. So, this rate can be preset, depending on 
pursued objectives. 
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Fig. 3. Reciprocating Compressor with automatic valves and clearance: 
A – The correlation between the gas volume and the gas pressure 

B – The correlation between the time and the gas pressure . 
 

 
 

Fig.4. The evolution of working gas state variables during compression: 
 A – p-v coordinates; B – T-s coordinates. 

 
The area bounded by the curve 1234 (each of 

these four points is equivalent to the moment in 
which is operated one of the valves) is proportional 
with the shaft work. It corresponds to the time 
evolution of the pressure, for a sinusoidal variation 
of the piston speed, as is shown in the Figure 3B. 
The two graphs illustrate also the influence of the 
clearance and of the automatic valves action on the 
pressure change. In order to generate the force 
required to open the valves, during the suction and 
the exhaust phases, an overpressure is created, in 
their upstream. This overpressure generates a dif-
ference between the actual and the ideal behavior 
of the valves. The average pressure drops Δpa and 
Δpe (higher or lower, depending on the specific 
design of the valves and of the instantaneous speed 
of the piston) lead to an increase in the effective 
compression ratio. As a consequence, an increase 
of the mechanical work consumed is needed to in 
the time of compression. An important part of this 
additional mechanical work irreversibly turns into 
thermal energy. For the case when the valves are 
controlled from the outside, the energy losses 
occur due to the irreversible expansion, caused by 
the pressure differences between the cylinder and 
the collector, at the moment of the valve opening. 

On the other hand, the presence of the clearance Vm 
causes the inlet valve to be opened only when the 
gas volume remaining in the cylinder is expanded 
to the pressure pa – Δpa . For this situation, it cor-
responds a volume Vc + Vm. As a consequence the 
volume of the fresh gas entering into the cylinder 
is reduced from Vd (ideal case, no clearance), to 
Va = V – Vc – Vm . This will determine a decrease of 
the gas flow rate, in comparison with the ideal flow 
rate. Va may become zero when the volume com-
pression ratio ε equals V/Vm, for a given compressor 
(with the angular speed ω, the displacement Vd, the 
clearance Vm, and the valves characteristics, etc.). If 
it is known the external conditions and the 
parameters of the working gas (inlet and outlet 
pressures, inlet temperature, density, adiabatic 
exponent and specific heats) we can determine the 
evolution in time of all the state variables of the 
system and we can plot the p-v and T-s diagrams. 
Fig. 4A and 4B presents for a compression from the 
pressure p1 to pressure π·p1, the time evolution, of 
the pressure p, for the specific volume v, for the 
temperature T and for the specific entropy s, for 
several different situations heat is exchanged with 
the environment (for different constant values of the 
polytropic exponents n): over-adiabatic (s), adia-
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batic (a), polytropic (p) and isothermal (i). The 
curves are plotted under the assumption of ideal 
valves, wich means without pressure drops. The 
graphs contains relevant data about the energetic 
interactions between the gas and the environment: 
the specific mechanical work received (surface 
area v12*v2*v1, where notation * means either s or 
a or p or i, according to situation), the specific 
technical work received (surface area p112*π·p1), 
and the specific thermal energy exchanged 
between the surroundings and 1 kg of the working 
gas (Surface area sa12*s*). 

2. PERFORMANCES OF THE 
RECIPROCATING COMPRESSOR 

Comparative assessments of a compressor’s 
behavior in different functioning conditions or 
among different types of compressors in similar 
conditions are being done based on constructive 
and functional parameteres and based on some 
performance criteria, the most usual being [8, 10, 
20]: 
 the compressor swept (displaced) volume 

Vd = π·D2·L /4; 
 the clearance ratio: C = Vm /Vd; 
 volumetric efficiency η0 : the ratio between 

real entering gas volume Va and usable volume of 
cylinder :  

η0 = Va /Vd = (Vd  – Vc)/Vd = 1 – C(πc
1/n–1) < 1 (4a)  

 loss factor of leaks: the ratio between the gas 
mass effectively delivered and the one effectively 
entering in : ηe = me / ma <1; 
 loss factor of suction pressure (at inlet flange) :  

  ηp = (pa – Δpa) / pa < 1 (4b) ; 

 loss factor of discharge pressure (at exit 
flange):  

  ηr = pe / (pe + Δpe) < 1 (4c) ; 

 loss factor of the overheating at suction: the 
ratio between the gas temperatures before and after 
suction: ηT = Tca / Ta <1; 
 the mass flow rate efficiency ηv : the ratio 

between actual mass flow rate ṁe delivered by the 
compressor and the mass flow rate ṁVd that might 
be delivered in an ideal conditions (no clearance, 
no throtling losses in the valves, no thermic losses, 
no leakage losses) : 

  ηv = ṁe /ṁVd = η0 ηe ηp ηT (4d) 

 the flow rate of the compressor: the gas 
amount delivered in normal working conditions, in 
unit time. One can distinguish the mass flow rate 
ṁe (expressed in kg/s), the volumetric flow rate 

computted at normal working conditions (Nm3/s), 
the volumetric flow rate expressed depending on 
the suction manifold conditions, and the volumetric 
flow rate expressed depending on the discharge 
collector conditions; 
 rotational speed of the compressor nrot : 

revolutions per minute (second); 
 the compression ratio πc = pe /pa; 
 the effective compression ratio: 

  πef = (pe + Δpe) /(pa – Δ pa) (5a); 

 the theoretical work per cycle: 
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 the actual work per cycle:  

  Wc = Wef /ηe = Wt / ηm ηe (5c). 

Wef is the work delivered at the compressor 
shaft, ηm is the mechanical efficiency of the shaft-
piston transmission, ηe is the efficiency of the drive 
motor (electric or otherwise)  

3. OPTIMIZATION OF THE COMPRESSION 
PROCESS BY VARYING THE PISTON 
SPEED 

In the case of interal combustion engines, the 
optimization of the process by varying the piston 
speed within a cycle has been approached (for the 
idealized engine models Otto and Diesel), by 
Mozurkewich and his coworkers [6-7]. Using this 
approach, they have found for a four-stroke cycle, 
with a given τ duration, unevenly distributed between 
those four operations performed by the piston, and 
for a pre-establised fuel consumption, the equation 
of movement that leads to the simultaneous maxi-
mization of the delivered power and of the thermal 
efficiency. Furthermore, in the case of CAES 
energy storage systems (through the air compression 
in high pressure tanks), Sancken, Li and their 
collaborators have determined the optimal path of 
a liquid piston in a compressor (where the speed is 
controlled by the pumped flow rate modification 
during the compression phase) in order to obtain a 
maximum efficiency of the storage process, in the 
conditions of some pre-established restrictions, 
both for a constant thermal conductance, as for a 
variable one [8-10]. In technical literature there are 
presented also other different solutions, for solving 
from a kinematic point of view, the actuation of a 
piston with variable stroke, for internal combustion 
engines (also applicable to other types of devices) 
[11], for Stirling engines [12], for external combus-
tion engines [13-14]. Another suggested solution is 



Arpad TÖRÖK, Stoian PETRESCU, Gheorghe POPESCU, Michel FEIDT 

 

30  TERMOTEHNICA     2/2015 
 

the linear electrical motor driving, wich allow a 
wide range of equations of motion to the piston. 
This type of driving devices make it possible to 
obtain high speed of the piston, within a cycle, 
during the time intervals when the forces opposing 
the piston movement are not high, without conside-
rable power consumption. This way, the highest 
part of injected power is delivered in the com-
pression phase, phase in which the piston speed 
will be lowered as much as possible in order to 
optimize the process. 

Just as in Mozurkewich’s method [6-7], we will 
reach a compression optimization in three steps. In 
the first phase we will make a primary optimization 
of auxiliary phases (expansion of the gas remaining 
in the clearance volume, the suction and the exhaust). 
During the second phase we will deal with the 
optimization of the compression itself. In the end, we 
may create a correlation between the two groups of 
results. In order to establish a reference point, we will 
initially study an ideal case, the endoreversible 
compressor, with no internal irreversibilities and 
(unlike the above mentioned method) without 
limiting the power and the time period of the cycle.  

4. THE INFLUENCE OF THE AUXILIARY 
PHASES OF COMPRESSION  

The endoreversible behaviour imply a piston 
with negligible frictions, a gas with very small 
viscosity and ideal valves. Also, it is desirable that 
in any one of the three auxiliary phases above-
mentioned, there is no thermal interaction with the 
surroundings, request with higher chances of being 
fulfilled as the piston speed is greater. During the 
expansion phase, the piston is the one receiving 
mechanical work from the gas potential energy, 
while during the suction phase, the piston needs to 
overcome only the friction and inertial forces, both 
depending on the piston speed. At usual speeds, 
those two forces are much lower than the forces 
opposing the compression in the active phase. The 
exhaust phase is developed with a considerable 
consumption of work but, if in downstream is to be 
found a device with piston, or a storage tank with 
constant pressure, this mechanical work may be 
counterbalanced. Therefore, during the three auxi-
liary phases, if the driving mechanism is designed 
for it, the piston speed can greatly increase, with-
out a noticeable increase of work. 

On the other hand, more the piston speed 
increases during these three phases, more the total 
time of the compression cycle is reduced. As a 
consequence, increases the delivered flow rate ṁe 
and so does the received power Ẃc. All things 
considered, the optimization of the three auxiliary 

phases imply a piston movement at its highest 
possible speed for the respective phases (there can 
be four different maximum speeds), throughout 
their duration. In the diagram 5A we have 
highlighted the way in which the period τ of a 
compression cycle is distributed, in the case of a 
compressor whose piston obeys a sine wave law of 
movement. It is to be noticed the great time 
allocated to the suction phase, phase in which no 
important interactions take place between the gas 
and the environment, neither of thermal, nor of 
mechanical nature. The curve in Fig. 5B suggests 
the way in which the piston speed should be 
varied, if it would be possible a step variation. In 
this case, the time required for expansion and for 
suction, would be: td,a = S/wmax1 , and that necessary 
for suction: 

 tr = ε·S/wmax2 = S · Θ / π · wmax2 ,  (7) 

where ε = V2 /V1, π = p2 /p1, Θ = T2 /T1, ε · π = Θ.  
During the time interval tc assigned to the 

compression, the piston will evolve following an 
optimal path, composed of an instantaneous adia-
batic process (as a result of the piston movement at 
maximum speed), followed by an isothermal pro-
cess and once more, by an instantaneous adiabatic 
process. Depending on the imposed restrictions 
and the followed objectives, the final result may 
be:  
 if the parameters of the delivered gas remain 

unchanged, when there is no speed and power 
restrictions, when optimizing the piston speed we 
can reach a more than double increase in the shaft 
rotation speed. Therefore, the suction flow rate ṁe, 
the received power Ẃc, the power density, they all 
increase in approximately the same proportion. 
 if the power and the driving rotation speed are 

being kept constant, but we insert a proper driving 
device, through optimization, one will conside-
rably increase the duration of the compression 
phase, in which time the gas transfers the thermal 
energy to the environment. As a consequence, the 
increase in the internal energy of the working gas 
will be smaller, which will lead to the decrease of 
the mechanical energy received by the piston.  

The graph in Fig. 5C presents the same system 
in a real situation, in which the piston acceleration 
is limited to an ac value. This restriction leads to an 
increase by t1 = wmax/ac of the needed time to 
perform the expansion-suction phase and an 
increase by t2 < t1 (since at the end of the com-
pression, w ≠ 0) of the needed time to perform the 
exhaust phase. Almost the entire duration of the 
cycle may be assigned to the main phase: the 
compression, because the inlet and exhaust phases 
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become very short. In the case of a higher com-
pression ratio, there is a possibility, during the 

exhaust phase, that the piston does not reach its 
maximum speed (such as it is the case in Fig. 5). 

 

 
 

 
 

Fig. 5. The w(t) and w(θ) curves for single acting compressors:  
A – non-optimized; B – optimized, without limited acceleration; C – optimized, with limited acceleration; 

D – optimized double acting compressor. 

 
 

Fig. 6. Compressor with mechanical device for the adjustment of the piston speed:  
1 – cylinder; 2 – piston; 3 – cooling with liquid; 4 – shaft; 5 – bearing; 6 – disc; 7 – grooved profile. 

 
Fig. 6 presents one embodiment of a piston 

controlled driving mechanism [15]. On the rod end 
of the piston 2 is mounted one or more bearings 5, 
which slides within a profiled channel 7 engraved 
on the surface of the disk 6, which rotates together 
with the main drive shaft. Depending on the angle 
formed by the channel axis with the radius of the 
disc 6, the piston can accelerate or deccelerate. For 

a 90 degrees angle, the piston does not move, and 
for nearly 0 degree, one, theoretically, it move very 
fast (on this angle, the piston gets into motion only 
under the influence of another external force). In 
reality, there is a minimal angle below which the 
interaction between the bearing and its rolling 
surface is unstable, as well as a minimal curving 
radius for the channel axis, limiting the piston's 



Arpad TÖRÖK, Stoian PETRESCU, Gheorghe POPESCU, Michel FEIDT 

 

32  TERMOTEHNICA     2/2015 
 

acceleration. The magnitude of these limitations 
can be modified by changing the diameter of the 
profiled disk, while leaving unchanged the length 
of the rod and the bearing diameter. These limita-
tions also occurs when operating with a linear 
engine, but in this case they are of a magnetic-
electrical nature. On the curve x(θ) reflecting the 
dependency between the piston’s position and the 
rotation angle of the shaft it is noticeable the low 
durations td,a and tr assigned for the expansion-
intake and the discharge phases. Admission 0-1 
and release 2-3 operations are executed in the time 
frame when the main axis of the driving mecha-
nism acquires a 50 degree rotation. Alternatively, 
for a sinusoidal rotating piston, the some ope-
rations are completed in a 220 degrees span. 

The curve w(θ) from Fig. 5D belongs to a 
compressor with the same sizes and features as the 
one in Fig. 5C, but whose piston is of a double acting 
type. For this kind of compressor, the expansion-
intake phase take place simultaneously with the 
compression phase of the previous cycle (phase that 
is the target of the optimisation), therefore being 
excluded from the primary optimization step. The 
double acting compressor can be equaled to two 
simple acting compressors where the time frame of 
the expansion-intake phase is near zero. Therefore, 
once the optimization of the compression phase is 
completed, we need to calculate the effect of the 
optimal speed on the behavior of the state parameters 
for these other phases, to correlate the new results to 
the ones obtained with the optimization of the 
compression phase, and to include any necessary 
corrections for the trajectory. In reality, for this type 
of compressor, for the same parameters of the inlet 
gas and the same compression ratio, the flow rate of 
the delivered gas and the consumed power are 
double if compared with the single acting compres-
sor, but the driving mechanism is more complex, 
and we face bigger sealing challenges. For the opti-
mized compressors, for two compressors of similar 
size and with the same driving mechanism (but with 
different profiled channels), the delivered gas flow 
rate and the level of consumed power are roughly 
the same, but the simple acting piston has a revo-
lution speed almost double to the one of the double 
acting piston. For a slightly lower mass flow rate, it 
allows a better control of the state parameters. 

5. THE INCREASE IN THE COMPRESSOR 
FLOW RATE EFFICIENCY 

The mass flow rate efficiency ηv is a parameter 
which, if optimized, triggers the improvement of 
compressor performances for all the operating 
conditions. Hence the running optimization of com-

pressors by controlling the piston speed requires a 
special attention for this coefficient. As a ratio 
between the real mass flow rate me delivered by the 
compressor and the mass flow rate mVd which 
could be delivered in ideal conditions (4d 
equation):  

 ηv = me /mVd = η0·ηe·ηp·ηT 

the mass flow rate efficiency cumulates the influ-
ences of various types of constitutive and functional 
imperfections. The influence of these negative 
factors is amplified just by requirements that the 
optimization process imposes to the piston trajectory. 

For example, in the previous we concluded that 
the optimization process implies higher piston speeds 
in the expansion-intake and in the exhaust phases, all 
of these entailing higher speeds for the gas, when 
passing through both the intake and outlet valve. This 
will then be reflected in decrease of loss factor 
pressure both for the intake ηa and the outlet ηr, 
obtaining furthermore a decrease in the mass flow 
rate efficiency. Certainly, the increase in these 
pressure losses reflected in the decrease of the actual 
mass flow rate also causes the increase in the shaft 
work absorbed by the machine, the increase of the 
overall entropy generated through a cycle, and a 
higher level of destroyed exergy. The aggregation of 
all these negative effects limits the positive impact of 
the optimization process and can significantly narrow 
the admissible maximum speed. Therefore, the 
choice of the valves becomes very important for the 
compressor optimization. The actual reciprocating 
compressors are usually equipped with automatic 
valves, on discs or on beams. These valves provide a 
variable compression ratio, causing a pressure loss in 
direct ratio with the square speed of the gas flow, but 
their performance is guaranteed only below a certain 
threshold of the rotation speed [16]. 

On the other hand, all compressors have a 
clearence volume of 2-3% for cylinders with 
valves seated in the cranckcase and of 7-20% for 
the ones with valves sided in thr walls [17]. A high 
clearance ratio C has a negative impact by the 
reduction of the mass flow rate efficiency (4a 
equation) and by limiting the opportunities to get 
higher compression ratios. In the real case of a 
compression with a polytropic exponent close to 
heat capacity ratio k, by the expansion of the gas 
left in the clearance volume (curve 4-1, Fig. 7A) 
we obtain a gas temperature similar to that of the 
fresh gas, and the work resulted from this gas 
expansion almost equals the one consumed by 
compressing the same quantity. Because of the 
heating process during the intake phase and of the 
cooling process during the exhaust phase, the gas 
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in the clearance volume is evolving after a cycle of 
a heat pump which is consuming a fraction of the 

work provided by the piston (1234 area). Its size 
increases for low piston speed. 

  

 
 

Fig. 7. Gas pressure behavior in the clearance volume: 
A – isentropic compression and expansion; B – isothermal compression and isentropic expansion. 

 
When the compressor is optimized, one of the 

main target of the optimization process can be 
precisely the significant decrease in the polytropic 
exponent and the achievement of a quasi-
isothermal compression (curve 2-3, Fig. 7B). But, 
mantaining the gas temperature close to the one 
initial one causes the increase of the flow rate 
efficiency and result in a higher gas volume left in 
the cylinder (in the clearance volume) at the end of 
the exhaust phase. The work produced in the next 
phase (curve 4-1, Fig. 7B: expansion close to the 
one adiabatic because the optimization process 
imposes a higher piston speed for this phase) is 
lower than the one consumed for the isothermal 
compression of this gas volume, and the gas 
temperature is significantly lower than the one of 
the freshly sucked gas. The temperature value of 
the mixture from the two types of gas is lower than 
Ta, meaning that the curve for the optimized 
compression will have this temperature as a 
starting point (curve 2-3, Fig 7B). For this type of 
compression, the heat pump generated by the 
existence of the clearance volume will absorb more 
specific work than in its nonoptimized version.  

Another aspect that must to be considered for 
the optimization process is the need of syn-
chronization during the suction and the exhaust 
phases between the motion of the piston and the 
motion of the mobile part of the downstream or 
upstream devices (excluding the cases when the 
suction and the exhaust happen from/into outside 
atmosphere). We consider that the gas intake into 
the fixed volume tank transforms the exhaust phase 
in a compressing process where the initial volume 
from the container + the compressor is polytropical-
ly reduced to the final volume of the container, 
thus transforming into heat the work consumed 
with this intent. This work can be completely 
recovered only if the same volume of gas, having 

the same temperature, is exhausted from the 
container by an expansion process with the same 
polytropic exponent. 

In the state of the art, there are the solutions for 
every issue mentioned above. For example, most 
of the scroll and the screw compressors do not 
have clearence volume, and the pressure loss 
during suction phase is very low and can be 
ignored. Also, the outlet pressure loss can be re-
duced to negligible levels if, during the discharge, 
the downstream pressure is maintained at a 
constant value corresponding to the position of 
outlet gate. For the reciprocating compressors, the 
pressure drops in the valves can be eliminated by 
assembling control valves that open/close when the 
pressure values from upstream and downstream 
match (similarly to the inlet/outlet gates in the 
compressors with fixed compression ratio). For the 
liquid piston compressors, the clearance can be 
eliminated if, during exhaust phase, all the gas 
volume, including from the inside of the valves, is 
temporarily displaced with liquid [18]. 

6. SCHEMATIC DIAGRAM FOR THE 
OPTIMIZED COMPRESSOR 

The device in figure 8 [19] displays the method 
to diminish the irreversibilitys of this type for the 
solid piston compressor. Instead of the automatic 
valves, the compressor is equipped with gates 3 
and 4, controlled valves with a large flow section, 
unhindered by any other component. In this kind of 
compressor, the pressure from the cylinder after 
the closing of the exhaust gate equals the gas 
pressure value pa from the downstream device (in 
our case a constant pressure container); the ex-
pansion phase is no longer necessary, which allows 
the inlet gate to open when the piston is at the top 
center. If the speed which is driven the gate is high 
enough, it will offer to the intake gas, right from 
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the first moment, its entire flow section, obtaining 
in this way a maximum decrease in the pressure 
loss Δpa. During the intake phase, the speed of the 
piston can be increased with the help of spring 6, 
that was stressed during the previous compression 
phase. This method can be adopted every time we 
require a speed-up of a device for a section of its 
evolution. Since the optimization issue is a one-off 
one, the optimization process is achieved through a 
set of well-defined parameters (pa , Ta , pe , Te ) for 
the working gas (fixed compression ratio) and for a 
fully predictable behavior of the compression and 
heat exchange processes. Under this circum-
stances, we can determine with enough accuracy 
the piston’s position where the gas pressure from 
inside the cylinder equals the one from the 
transient clearance 8 of the discharge pipe. This 
clearance volume, where the gas pressure at the 
end of the compression phase equals pe, is the 

downstream end of the connecting pipe between 
the cylinder and the upstream device (in our case, 
the tank 12 with the constant pressure pe). The 
transient clearance volume is upstream limited by 
the gate 5 and it communicates through a short 
open pipe with the cylinder 9 of the switching 
compressor. The abrupt opening of gates 4 and 5 
connects the gas from the compressor cylinder, at 
the end of the compressing phase, with the storage 
reservoir. During the exhaust, a liquid volume 
equal to the volume of gas discharged will be taken 
by the hydraulic motor 16, thus determining the 
engine to produce a work of the same value as the 
one absorbed by the piston to exhaust the gas. For 
flow sections large enough on the valve-gates and 
for high operating speeds, during this phase, neither 
the pressure, nor the temperature in this container, 
temporarily expanded, suffers any changes; also 
there are no pressure or exergy losses. 

 

 
 

Fig. 8. Schematic diagram for an optimized compressor 
1 – cylinder; 2 – piston; 3, 4, 5 – gates; 6 – spring; 7, 10 – disks with profiled channel; 8 – transient  

clearance volume;  9 – commuting cylinder; 11 – axis; 12, 13 – constant pressure tanks; 
14, 16 – hydraulic motors; 15, 17 – hydraulic pumps. 

 
If the piston motion is not accompanied by the 

evacuation of a corresponding volume of liquid 
from the container, instead of the flow motion of 
the gas, we get the adiabatic compression of the 
gas in the expanded container (the short span of the 
process allows us to ignore the heat transfer with 
the outside environment) followed by the increase 
in the internal gas energy with a value equal to the 
mechanical work absorbed by the piston. In this 
case, exergy losses can be avoided if the corres-
ponding gas volume is exhausted from the 
container (evacuation accompanied by the expan-
sion, with production of work, of the remaining 
gas) before the decrease of the internal energy 
through heat transfer with the environment. 

When the piston reaches the top dead center, only 
the intake gate to the container will receive an order 
of closure, separating the container from the transient 
clearance volume, consisting of the clearance volume 
of the compressor, clearance volume of the com-
muting compressor (whose piston is also positioned 
in the top dead center) and the part of discharge pipe 

bounded by the gates 4 and 5. Simultaneously, the 
piston of the commuting compressor receives an 
operating order and the gas in this volume is 
expanded to a pre-established pressure level, for 
example to pressure value pa. As soon as the piston 
reaches the bottom dead center, the gate 4 receives an 
order of closure, thus separating the compressor from 
the rest of the transient clearance volume. In this set-
up, the piston of the working compressor is situated 
in the top dead center and a pressure level pa with a 
temperature value below Ta defines the working gas 
in its clearance volume. Because of its reduced size, 
this gas volume will have a reduced impact (but a 
positive one since it enhances the intake of a higher 
gas volume inside the cylinder) on the temperature 
level of the resulting mixture once the intake phase is 
completed. We can, therefore, estimate its tempera-
ture to be equal to Ta and disregard it as not having 
any influence on the course of the compressor’s 
processes.  

In the next phase, both pistons are set in motion: 
the main one will move on the trail determined by 
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the profile of the driving channel and will ensure 
the optimal compression of the working gas, 
whereas the piston of the commuting compressor 
will move rapidly enough to prevent the thermic 
exchanges of this gas volume with the environment 
and to restore, in this mode, its characteristics from 
before the expansion. When reaching the initial 
pressure pe, gate 5 re-opens to allow the penetra-
tion in the container of the compressed gas and it 
closes again when it reaches top dead center. In 
this case, also, the exhaust of the gas is synchro-
nized with the motor-device of the hydraulic pump. 
The gas volume entering in the reservoir in this 
phase equals the clearance volume Vm in the 
working compressor and, by adding it up to the gas 
delivered in the previous exhaust phase, we obtain 
just the swept volume Vd for the compressor.  

Taking all these points into consideration, a 
global evaluation of the result from a complete 
cycle of the type described above, we can conclude 
that we have obtained a compressor without any 
clearance volume, with no pressure losses in the 
valves, with a flow rate efficiency equal to 1 and, if 
we disregard the frictions, with no generation of 
internal entropy, therefore an endoreversible com-
pressor. But we must also mention that this result 
was obtained by assembling an additional com-
pressor which, for larger scale compression ratios, 
can be of a significant size. E.g. for an isothermal 
compression with a ratio of πc = εc = 1/C (where, 
without a commuting compressor, we would have 
a void capacity coefficient), if the isentropic com-
muting expansion is secured in a way that the 
pressure in the clearance volume comes back to 
value pa, the volume of the commuting compressor 
can be higher than for the working compressor: the 
commuting compressor volume Vcc will be equal to 
the transient clearance volume (higher than the 
clearance volume of the compressor) multiplied by 
the expansion ratio εdt (the ratio between the initial 
and the final volume of the transient clearance 
volume). The ratio εdt is selected for the respective 
application and determines to what degree the 
impact of the clearance volume on the theoretical 
volumetric efficiecy η0 (equation 4a) is diminished. 
For example, the capacity η0 = 1 (Va = Vd) 
provided by the endoreversible system can be 
obtained also in a classical system of two staged 
compression: a compressor identical to the work-
ing one, but with a compression ratio of εc /2, 
followed by a tank and an isothermal compressor 
with a compression ratio of 2. Thus, for the 
optimized compressor, the isothermal compression 
takes place in one compressor, while the second 
one carries out an adiabatic process; whereas in the 

classical system both compressors require to be 
equipped with integrated devices specific for this 
kind of process. For each of them, the gas from the 
clearance volume will be istothermically re-
compressed in the following cycle. 

In order to obtain high performance results, we 
need to calculate or to experimentally determine 
the precise behavior of the main parameters and 
the time intervals when the orders need to be 
transmitted to the gates and to the other executing 
devices. There are several options to implement in 
practice an operating system for the gates, among 
which: 
 profilated disks or cames mounted on the 

main axis to operate the driving shaft of the 
corresponding gate; 
 cames mounted on the main axis or on piston 

rods to open/close a set of electrical circuits for 
operating fast electrical gates; 
 command signals for the closing elements 

electrically driven, sent by precision measuring 
equipment, usually simple or differential pressure 
switches. 

6. CONCLUSIONS 

This paper is another occasion to highlight the 
fact that the structural components of a devices 
play an important role in determining the evolution 
of the thermodynamic processes hosted by the 
machine. For given values of the parameters of the 
gas at the device's inlet and for given environment 
parameters, a device with given constructive 
elements can produce only one type of process. For 
example, a compressor where the piston speed has 
a sinusoidal variation due to the driving mecha-
nism of rod-crankshaft type, will not be suitable to 
perform an isothermal compression of the working 
gas. In this case, it is needed a device exclusively 
designed for this purpose, solely working in the 
pre-defined conditions. Any change on the purpose 
or on the initial conditions will require a new 
machine or adjustment of constructive components 
to adapt to new situation. 
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